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Abstract. In the present study a closed-cycle diesel engine simulation code based on a 

multi-zone combustion model was used to simulate three diesel engine faulty operation 

cases i.e. reduction of mean injection pressure, reduction of fuel injected mass per engine 

cycle and reduction of compression ratio. The multi-zone combustion model upon 

successful experimental validation was used to generate theoretical results for cylinder 

pressure, fuel evaporation rate and bulk gas temperature for each one of the previously 

mentioned engine faulty operation cases. The predicted cylinder pressure profiles were 

supplied to a computational model developed in MATLAB under a diploma thesis 

conducted in Hellenic Naval Academy in order to perform a heat release rate analysis and 

to derive the main performance characteristics of the examined diesel engine. The 

MATLAB model was used to derive results for heat release rate, heat losses rate, ignition 

angle and ignition delay and premixed phase, diffusion-controlled and total combustion 

durations. The assessment of all theoretical results for combustion parameters and engine 

performance characteristics showed that the reduction of mean injection pressure and the 

pertinent reduction of compression ratio affected negatively the diesel engine combustion 

mechanism by decreasing ignition angle and thus, shifting combustion event to the 

expansion stroke and, by increasing total combustion duration. The reduction of fuel 

consumption resulted in noticeable reduction of engine power and efficiency due to 

reduction of engine supplied heating power whereas, it did not affect seriously the time 

evolution of the combustion event inside the combustion chamber. 
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INTRODUCTION 

Diesel engine is world-known for its superior thermal efficiency among all other thermal 

engines [1]. The evolution of electronically-controlled fuel injection systems and the pertinent 

advances in turbocharging systems have led in the development of advanced technology diesel 

engines for various applications i.e. automotive, marine, electric power generation etc. with 

considerably lower brake specific fuel consumption (BSFC) and increased power density 

compared to recent past. As a characteristic example today marine four-stroke medium-speed 
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diesel engines have a minimum BSFC of 170 g/kWh whereas, the pertinent minimum BSFC of 

modern two-stroke slow-speed diesel engines is close to 156 g/kWh. Besides the need for 

minimization of specific fuel consumption and maximization of power density, there is a 

continuous requirement from diesel engines in all the fields of their application for high 

availability and reliability. The requirement for high availability from diesel engines is directly 

related with the minimization of the time that the engine is out of operation due to maintenance 

issues or in other words, is directly related with the unexpected faults of a diesel engine. Hence, 

it is of utmost importance not only the reduction of maintenance time by developing effective 

maintenance techniques but also the development of sophisticated techniques for the continuous 

monitoring and assessment of diesel engine operation and the utilization of monitoring data for 

the development of effective diagnostic techniques. Successful implementation of diagnostic 

techniques in diesel engines can lead to the tracking of a faulty operation cause by proposing 

specific measures for the healing of the specific problem and there are reported cases that diesel 

engine diagnosis have led to the prevention of catastrophic damages reducing thus, substantially 

the corresponding maintenance cost [2,3]. 

Studies performed in the past have demonstrated the multiple virtues of diesel engine 

monitoring and preventive maintenance technologies and have sorted the relative importance of 

various faulty situations often appeared in diesel engines [4,5]. Published studies have also 

exposed the beneficial effect of diesel engine continuous monitoring not only to the identification 

of faulty operation cases but also to diesel engine optimized operational and environmental 

behaviour [2,3,6]. Various technologies have been proposed in the literature for the monitoring 

and diagnosis mainly of large-type two-stroke slow-speed and heavy-duty four-stroke medium-

speed marine diesel engines, which differ on the type of measuring data obtained from the engine 

and the pertinent technique used for their processing and assessment. One of the most prominent 

and world-known monitoring and diagnostic techniques is the one proposed by Hountalas et al. 

[2,3,7], which is based on the measurement of the cylinder pressure and the development of a 

sophisticated thermodynamic method for tracking TDC without measuring equipment and for 

processing the measured cylinder pressure data for assessing current diesel engine operational 

status, tracking the cause of unpleasant faulty situations and in such case proposing specific 

healing measures and for projecting its performance trends in the future. Another category of 

diesel engine diagnostic technique concerns the measurement of torsional vibrations and the 

processing the obtained torsional vibration data for tracking mainly the cylinder that does not 

contributing equally to the torsional vibration profile of the crankshaft [8,9]. The measurement 

and processing of torsional vibration data through that it can track faulty cylinder it cannot 

identify, unlike the previously mentioned thermodynamic method, the cause of faulty cylinder 

operation. Another technology proposed for diesel engine monitoring and diagnosis is the 

measurement and processing of mechanical vibration data obtained from various positions on the 

engine i.e. turbocharger, crankcase, camshaft case etc. [10,11]. The processing of vibration data 

is based on the derivation of RMS and the vibration spectrum for each diesel engine component 

and then the comparison of the derived vibration spectrum with exemplary vibration spectrums 

corresponding to specific faulty conditions such as shaft misalignment. Hence, though that the 

analysis of measured vibration data can identify the mechanical problem of a faulty engine 

component it cannot directly identify the potential thermo-fluid cause of this mechanical 

problem. Also, after-engine technologies such as diesel engine oil analysis have been extensively 

used for characterizing engine operational status [12]. The advancement of information 
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technology during recent years have also led to the implementation of information fusion 

techniques for diesel engine condition monitoring and fault diagnosis [13]. 

All the previously mentioned monitoring and diagnostic techniques have predominantly been 

implemented in large-type diesel engines such as marine two-stroke slow-speed engines, where 

the slow evolution of combustion event and high inertias of reciprocating and rotating masses 

facilitate the tracking of a faulty engine operating situation by either thermodynamic or 

mechanical cause. Also, most of the already published thermodynamic diagnostic studies have 

emphasized on the assessment of engine performance data without elucidating completely the 

effects of a faulty situation or engine component on the combustion mechanism. For this reason, 

in the present study an effort is made to shed light into the effect of specific faulty operating 

cases on the combustion mechanism and the pertinent performance characteristics of a small 

light-duty high-speed direct injection (DI) diesel engine. Specifically, it is theoretically examined 

the effect of faulty fuel injection system operation, which is modelled either as reduction of mean 

fuel injection pressure compared to its nominal value at a specific operating point or as reduction 

of fuel injected mass per engine cycle compared to its nominal value. Also, it is theoretically 

investigated the impact of faulty compression quality, which is modelled as reduction of 

compression ratio compared to its nominal value for the examined DI diesel engine. An engine 

closed-cycle simulation model is used to simulate the operation of a four-stroke high-speed DI 

diesel engine (“Lister LV1”) under various mean injection pressures, fuel consumptions and 

compression ratios generating theoretical results for cylinder pressure, fuel evaporation rate and 

bulk gas temperature. Predicted cylinder pressure profiles are then supplied to a computational 

model developed in MATLAB under a diploma thesis conducted in Hellenic Naval Academy in 

order to perform a heat release rate analysis and to calculate main engine performance 

parameters. The evaluation of all theoretical results for combustion parameters and engine 

performance characteristics revealed that either the reduction of mean injection pressure or the 

reduction of compression ratio affected negatively the diesel engine combustion mechanism by 

delaying combustion initiation and, by increasing total combustion duration. The reduction of 

fuel injected mass per engine cycle resulted in significant reduction of engine power and 

efficiency due to reduction of engine supplied heating power whereas, it did not affect seriously 

commencement and the duration of the combustion event inside the combustion chamber. 

DIESEL ENGINE DESCRIPTION 

The diesel engine considered in the present study (“Lister LV1”) is a four stroke, air cooled 

single-cylinder high-speed DI diesel engine, which is equipped with a bowl-in-piston. “Lister 

LV1” diesel engine has a cylinder bore of 0.08573m, a piston stroke of 0.08255 m and the 

connecting rod length is 0.1885m [14,15]. The compression ratio of “Lister LV1” diesel engine is 

17:1 and its nominal speed range varies from 1000 to 3000 rpm. Diesel fuel is injected in “Lister 

LV1” engine through a three-hole injector (nozzle orifice diameter 250μm), which is located at 

the center of the combustion chamber and its opening pressure is 180 bar. “Lister LV1” engine is 

coupled with a Heenan & Froude hydraulic dynamometer at the premises of the Internal 

Combustion Engines Laboratory of National Technical University of Athens, Greece [14,15]. 
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DESCRIPTION OF THE DIESEL ENGINE CLOSED-CYCLE 

SIMULATION MODEL 

A two-dimensional multi-zone combustion model was used to simulate the physical and 

chemical phenomena that take place inside combustion chamber during closed cycle operation 

(intake and exhaust valves are closed). This model has been previously developed under a PhD 

thesis using the long-standing experience developed in the Laboratory of Internal Combustion 

Engines of National Technical University of Athens [16-20]. According to this model, the fuel jet 

coming out from each nozzle orifice during injection process is divided into distinctive control 

volumes, which are called “zones”. Each fuel jet zone is treated as an open thermodynamic 

system, which exchanges energy and mass with its surroundings. The division of each fuel jet 

into zones allows the prediction of the temperature and the chemical composition of each zone at 

each crank angle integration step. In Figure 1 is given a representative schematic vies of the 

division of one fuel jet into zones at the axial and at the radial direction. It is given also in Figure 

1 the effect of swirled air flow field on the formulation of the fuel jet shape [14,16-20]. 

 
FIGURE 1. Schematic view of the swirled air flow field and one of the fuel jets on a plane 

perpendicular to the cylinder axis [14,19,20] 

 

The thermodynamic conditions in each zone are calculated using the first law of 

thermodynamics and the mass and momentum conservation laws whereas the pressure inside the 

cylinder is considered uniform. Fuel jet zone temperature rate of variation depends directly from 

the energy released inside the zone due to the vaporized fuel and entrained air, zone heat losses, 

zone gas mixture internal energy and elementary technical work variation. Combining all these 

equations a final ordinary differential equation (ODE) is derived, which is numerically solved 

using a predictor – corrector scheme for predicting the cylinder pressure variation inside the 

cylinder. After numerically solving the ODE for cylinder pressure, several ODEs are also 

numerically solved using a predictor – corrector explicit method for predicting the instantaneous 

gas temperature inside each fuel jet zone [14,19,20]. 
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Modeling of the Physical and Chemical Processes of the Four-Stroke Diesel Engine 

Closed Cycle 

In-cylinder Heat Losses Modeling 
 

The heat loss rate between the in-cylinder gas and the combustion chamber walls is calculated 

using the following relation [21]: 

        
 

4 4

g w g wQ A h T T cσ T T  (1) 

where: 

 A is the instantaneous heat transfer area of the cylinder walls. 

 Tw is the mean temperature of the cylinder walls, which is assumed to be invariable in 

space and time. 

 σ is Stefan – Boltzmann constant 

 c is a constant equal to 1.5. 

 Tg is the bulk in-cylinder gas temperature at each crank angle step, which is predicted 

from the following equation: 
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The first term in Eq. (1) corresponds to the heat losses of in-cylinder gas due to convection 

whereas, the second term in Eq. (1) corresponds to the radiation losses of the in-cylinder working 

medium. The instantaneous heat transfer rate calculated by Eq. (1) is distributed in fuel jet zones 

according to their individual temperature, mass and specific heat capacity as follows [22,23]: 

  
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 
n a
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 (3) 

Convection heat transfer coefficient h is given by the following relation assuming the 

existence of in-cylinder heat and fluid flow conditions like the ones of fully developed flow over 

a flat plate [24]: 

   0.8 0.33

h charh c Re Pr λ  (4) 

where Re is the dimensionless Reynolds number, Pr is the dimensionless Prandtl number, λ is 

the thermal conductivity of the in-cylinder gaseous medium and ℓchar is the characteristic length. 

The characteristic mean velocity of the in-cylinder bulk gas used for the calculation of the 

Reynolds number is given by: 

    
0.5

2 2 2

T pu u u u  (5) 

where up is the instantaneous piston velocity, which is a function of cylinder geometrical 

dimensions [1]. Reynolds and Prandtl numbers are calculated as follows: 

  
pchar

μcu ρ
Re ,  Pr

μ λ
 (6) 
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A dimensionless turbulent kinetic energy (k-ε) model is used for the prediction of u and uT 

velocities [25]. 

Air Swirl Model – Prediction of Intake Air Angular Velocity 
 

Air angular velocity inside the combustion chamber is calculated by solving the angular 

momentum conservation law. It should be noted here, that in many cases, intake air is inducted in 

the engine combustion chamber with angular momentum as a result of its rotation around 

cylinder vertical axis. This motion of the intake air is called “Swirl” and it is usually in small-

bore diesel engines, which are equipped with bowl-in-piston. Swirl motion is applied to prevent 

the fuel jet impingement to the bowl-in-piston walls and thus, to avoid the temporarily cooling of 

impinged fuel due to its heat loss to piston bowl walls. In most of the cases, the amount of 

impinged fuel cannot be burned completely enhancing thus, the formation rate of unburned 

hydrocarbons. In general, intake air swirled induction inside the cylinder promotes air 

entrainment inside fuel jet improving thus, local fuel-air mixing. 

The solution of the angular momentum conservation equation requires the knowledge of the 

swirled intake air tangential velocity. Hence, it is assumed that the tangential intake air profile on 

a plane perpendicular to the cylinder longitudinal axis is a hybrid scheme comprised of a solid 

core, which is surrounded by a flow field. This hybrid scheme considers the air viscosity, which 

creates a boundary layer close to the combustion chamber walls [26]. The tangential air velocity 

profile is given by the following relation [1]: 

 
 

   


   

t p c

n

t p c c c p

u W R                 για 0 R R

u W R R R  για R R R
 (7) 

where ut is the tangential air velocity, Wp is the angular air velocity, n is an exponent which 

varies from 0 to 0.1 and Rc is the air solid core rotation radius, which is calculated as follows: 

  c m b pR R D 2R  (8) 

Consequently, for a given combustion chamber geometry and known angular air velocity Wp, 

the tangential air velocity profile can be calculated using Eqs (7) and (8). 

For the calculation of the angular air velocity Wp, a simple scheme of “air solid core rotation” 

is used, where the angular momentum conservation equation is applied for the combustion 

chamber gaseous content [27]. The value of air angular velocity when the intake valve is closed 

corresponds to the initial value of air angular velocity and it is an input value of the closed-cycle 

simulation model expressed as the ratio of air angular velocity to the engine rotational speed (i.e. 

swirl ratio). This value is obtained from relevant experimental data. The conservation law of 

angular momentum in differential form is given by:  

 
 

    r

d IW dW dI
I W M

dt dt dt
 (9) 

The rotating moment of inertia I of the in-cylinder gas is calculated as follows: 
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where ma is the mass of the trapped in-cylinder gas. The resulting rotating torque Mr, which 

act on the fluid is: 

 
 r cyl p cM M M  (11) 

where Mcyl is the resistance torque to the in-cylinder fluid flow due to its contact with 

combustion chamber walls and Mp-c is the generating torque due to the friction of the in-cylinder 

gas with the piston crown and the cylinder head. Fluid resistance torque is given by the 

expression:  

 
 

   
 

2 2

cyl cyl cyl p cyl a tRp p p

1
M τ A R f ρ u 2πR S

2
 (12) 

Where utRp is the tangential air velocity at radius Rp, which, according to Eq (7), is calculated 

as follows:  

  
n

tRp p c c pu W R R R  (13) 

Combining Eqs (12) and (13) it is finally obtained: 

  
2n

2 2 2

cyl cyl p p c c p pM f πW R R R R S  (14) 

Friction coefficient fcyl of the in-cylinder gas motion is calculated assuming again the same 

conditions with the ones of the fully developed fluid flow over a flat plate:  

 
 0.2

cylf 0.058 Re  (15) 

The cylinder bore (equal to 2Rp) and the air velocity utRp are used as characteristic length and 

as characteristic velocity respectively to calculated Reynolds number. The rotating torque due to 

air friction at the piston top head and at the cylinder head is assumed that it acts on the cylinder 

mean radius (Rp/2) and that it is the same with the one calculated as fluid friction between two 

flat plates. According to this assumption, the torque Mp-c is calculated using the following 

equation [1]: 

     

 
   

 

2 3

p c p c p c p p c a tRp 2 p

1
M 2 τ A R 2 f ρ u πR

2
 (16) 

where utRp/2 is the tangential air velocity at radius Rp/2, which is calculated as follows: 

  tRp 2 p pu W R 2  (17) 

Finally, the generating torque Mp-c due to the friction of the in-cylinder gas with the piston 

crown and with the cylinder head is estimated according to the following relation: 

    2 5

p c p c a p pM f πρ W R 8  (18) 

Friction coefficient fp-c is calculated from Eq. (15) using radius Rp as characteristic length and 

air velocity utRp/2 for the calculation of the pertinent Reynolds number. 

Fuel Jet Development Model 
 

Fuel injected mass per crank angle integration step is divided into nr zones through fuel jet, 

where nr is an odd number. Hence, fuel jet zones are arranged proportionally on either side of the 
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longitudinal axis of the fuel jet. Fuel injected mass mf per engine cycle is distributed into zones 

as follows [14,16-18,20]: 

  ho,i

f ,i f

ho

A
m m

A
 (19) 

Where Aho,i is a predefined portion of the total injector nozzle area Aho. At next, as a certain 

crank angle degree step Δφ has passed from the beginning of the fuel injection process, a new 

group of “n” fuel jet zones if formed following the same path as previously described. This 

process is continued until the completion of the fuel injection process. The axial velocity of each 

fuel jet zone is calculated by adopting the following semi-empirical relation [14,16-18,20]: 

 

  
    
  


 

1n

x,i 0
x ,i ho 0

inj x ,i

x ,i 0 x ,i ho

u ΔX
,  για ΔX 6.57d ΔX

u ΔX

u u ,              για ΔX 6.57d

 (20) 

where i = 1 and i = nr represent the leading and the trailing zone respectively. A linear 

distribution with respect to number of radial jet zones is used for the calculation of exponent ni, 

which varies from 0.7 to 0.9 from the internal to the external zones. The initial value of the radial 

component of the fuel jet velocity is estimated as follows: 

 0
r ,i inj i

0

θ
u u tan r

r

 
  

 
 (21) 

where r0 is the radius of the injector nozzle as presented in Figure 2 and ri is the radial distance 

of fuel jet zone “i” from the central lines. 

 
FIGURE 2. Fuel jet distribution into radial zones [14,20] 

 

The fuel jet cone angle at the exit of the injector nozzle is calculated using the following 

relation [1,28]: 

 

0.25
2

inj a

0 2

a

d ρ ΔP
θ 0.05

μ

 
   

 

 (22) 

The local fuel jet cone angle is calculated afterwards from the fuel jet geometry as it results 

from the local radial and axial velocities of the external fuel jet zones. Calculating the local air 

velocity components in both radial and axial directions and using the momentum conservation 
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equations in both axes, the effect of air swirl on fuel jet geometry can be considered. From the 

procedure it results that the axial fuel jet penetration is reduced leading to a rapid deceleration of 

the fuel jet and thus, to the increase of the air entrainment rate. Due to air swirl inside the 

combustion chamber, fuel jet zones deviate from the initial direction and as result an increase of 

air entrainment rate is observed inside fuel jet zones. Fuel jet zone deviation from the initial 

direction is calculated considering local air velocities as follows: 

 
tx ,i x ,i t i

tr ,i r ,i t i

u u u sin( θ )

u u u cos( θ )

  


  
 (23) 

Where ut is the local air swirl velocity and θi is the angular position of each fuel jet zone 

inside the combustion chamber. The above-mentioned equations are implemented for the cases 

before and after the fuel jet impingement to the combustion chamber walls. The well-tested 

theory of Glauert for the interaction of fuel jet and combustion chamber walls [29,30] is used for 

the determination of the time evolution of the fuel jet zones after the jet impingement to the 

combustion chamber walls. According to this theory, fuel jet zone velocity after impingement is 

given by the following equation: 

 0,i

i 0 ,i

i

r
w w

r

 
  

 
 (24) 

Where r0,i is the initial radial zone position with respect to the jet axis after impingement and 

w0,i is the initial velocity. It is assumed that the fuel jet zone follows a path alongside the 

combustion chamber walls, where its radial distance “δ” from the wall determines the thickness 

of the fuel jet boundary layer on the combustion chamber wall and is given from the relation 

[22,23,29]: 

 i
i 0 ,i

0 ,i

r
δ δ

r

 
  

 
 (25) 

where δ0,i is the initial zone distance from the combustion chamber wall after the 

impingement. Before the jet impingement the velocities are divided into two components: One 

perpendicular and one parallel to the combustion chamber walls. After this, the part of fuel jet 

zone, which corresponds to the parallel velocity deviates completely whereas, the perpendicular 

part of zone is divided into two parts: The right and left part. Hence, the zone part, which has 

velocity opposite to the parallel velocity component is considered to create a new zone. The 

initial values for w0,i and δ0,i are determined by applying the mass and the energy conservation 

laws taking also into consideration the local fuel jet geometry [22]. 

Air entrainment rate into zones is determined using the momentum conservation law for the 

injected fuel. Air entrainment rate is obtained from the following expression [28,31]: 

 f inj f am u ( m m )u   (26) 

The left-side part of the previous equation is equal to the initial zone momentum whereas, the 

right-side part corresponds to the zone momentum after time “t”. Differentiating both sides of the 

previous equation is obtained the following differential equation for the air entrainment rate: 

 a
a f

dm du
u ( m m )

dt dt
    (27) 
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Hence, having given the instantaneous total air mass entrained into zones from the beginning, 

is calculated the air entrainment rate at each integration crank angle degree step. It should be 

mentioned that the entrained air into fuel zones results in their deceleration. 

Fuel Atomization Model 
 

Inside each fuel jet zone, fuel is split into packages (i.e. groups), in which all fuel droplets 

have the same “Mean Sauter Diameter – SMD”. The “Mean Sauter Diameter (DSM) is obtained 

from the following semi-empirical relation, which has been derived from experimental data 

analysis [31]: 
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




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   

   
    
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 (28) 

Where the indices “1” and “2” denote complete and incomplete fuel jets respectively. In the 

previous relation, We is the dimensionless Weber number, νl, ρl are the kinematic viscosity and 

the density of the liquid fuel droplet, να, ρα are the kinematic viscosity and the density of the 

surrounding air and dinj is the injector nozzle orifice diameter. The mean droplet dimeter is 

obtained as the maximum of these two values. By this modelling approach is taken into 

consideration the effect of fuel physical properties. 

Fuel Vaporization Model 
 

The well-known model of Borman and Johnson [32] is used for the modeling of the 

vaporization process of the liquid fuel inside each jet zone. This model succeeds in describing 

effectively the fuel vaporization phenomenon taking into consideration the coupled heat and 

mass transport phenomena that take place at the fuel droplet – air interface. According to the 

model of Borman and Johnson the reduction rate of a fuel droplet radius due to vaporization is 

given by the following relation: 

 
afa s

l s

Dρ y ydr
Shln 1

dt ρ 2r 1 y

  
    

  
 (29) 

where: 

 ρα is the air density in kg/m
3
. 

 ρl is liquid fuel density in kg/m
3
. 

 Dαf is the liquid diffusion coefficient to the gas phase in m
2
/s. 

 r is the fuel droplet radius in m. 

 y is the fuel mass concentration of the gas phase zone around the droplet. 

 ys is the fuel mass concentration at the droplet surface, which is calculated as follows: 

 
 

f vp

s

f vp a vp

MB p
y

MB p MB p p


 
 (30) 
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where: 

 ΜΒf is the fuel molecular weight. 

 ΜΒa is the air molecular weight. 

 p is the in-cylinder pressure at each crank angle degree integration step. 

 pvp is the fuel vapor pressure, which at the droplet surface is considered equal to the 

corresponding fuel partial pressure. 

It should be mentioned that analytical correlations based on experimental data for the n-

dodecene (C12H24) were used for the calculation of the liquid fuel thermophysical properties [14]. 

The energy balance between liquid droplet and surrounding air taking into consideration the 

latent heating of the liquid droplet and its mass reduction due to evaporation is expressed as 

follows [32,33]: 

 2 2l
l pl l v

dT dr
m c 4πr ρ Δh 4πr q

dt dt
   (31) 

The first term of the Eq. (31) express the required heat for the droplet sensible heating and is 

becomes zero when the droplet temperature becomes equal to saturation temperature Ts. The 

second term of the Eq, (31) expresses the latent heat of vaporization. This means that droplet 

temperature remains constant and equal to saturation temperature Ts. The second part of the Eq. 

(31) expresses the total heat, which is offered from the droplet surrounding environment (gaseous 

mixture of surrounding air and gaseous fuel) for its heating and evaporation. It is assumed that all 

fuel droplets of each jet zone (at the time instant each jet zone is injected) have initially the same 

diameter equal to the Sauter Mean Diameter (SMD). Each jet zone fuel evaporation rate relates 

to fuel droplet evaporation rate as follows [16,18]: 

 ev,i ev,d ,i

d ,i

dm dm
N

dt dt
  (32) 

where the index “i” denotes the increasing zone number, the index d refers to droplet whereas, 

d ,iN  is the number of droplets of fuel jet zone “i”. Hence, fuel jet zone evaporation rate is 

calculated as follows: 
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 (33) 

The heat flux q  absorbed by each droplet is calculated according to the following relation: 
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 (34) 

Hence, the total amount of heat offered to fuel jet zone “i” for its heating and evaporation is: 

  2ev,tot ,i

d ,i

dQ
N 4πr q

dt
  (35) 

Consolidating all above-mentioned information, the total fuel evaporation rate is: 
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n

ev,tot ev,i

i 1

dm dm

dt dt

  (36) 

Integrating Eqs (29), (31) and (33) for each zone it is calculated the droplet radius, the droplet 

temperature, which is equal to jet zone fuel temperature, and the fuel evaporated mass. 

Calculated droplet temperature Tl is further used for the prediction of the mean temperature Tm of 

the gaseous film, which is formed during evaporation around each droplet [16,18,33]: 

 a l
m

T 2T
T

3


  (37) 

Temperature Tm is the temperature used for the calculation of the thermophysical properties of 

the gaseous mixture formed due to fuel evaporation around the droplet. Regarding the total heat 

supplied to the liquid fuel of each jet zone, it is considered that is partially attributed to the jet 

zone itself and partially to fuel jet surrounding air as follows [16,18]: 

 ev,tot ,i ev,i ev,a ,idQ dQ dQ

dt dt dt
   (38) 

where the index “α” denotes the air zone. The contribution of each zone 
ev,idQ  and the 

corresponding contribution of jet surrounding air 
ev,a ,idQ  to the total evaporation heat supplied to 

each jet zone 
ev,tot ,idQ is determined by the following relation: 
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dt m T m T dt

 (39) 

Ignition Delay Model 
 

For the calculation of the ignition delay the following relation was used, which has been 

proposed by Assanis et al. [34] and it takes into consideration the value of the local fuel/air 

equivalence ratio Φ inside the combustion chamber: 

 
  

 
1

pr 2.5 1.04

0 del g eq g

1
S dt

a p Φ exp 5000 T
 (40) 

where “Φeq” is the local fuel/air equivalence ratio, Tg is the local gas temperature and pg is the 

in-cylinder pressure. Fuel is ignited locally in the jet zone, where the integral of Eq. (40) 

becomes equal to unity and the time interval between fuel injection timing angle and ignition 

angle is considered as ignition delay. The selection of this ignition delay model was made since it 

takes into consideration the local fuel/air equivalence ratio, the local zone temperature and the in-

cylinder pressure. 

Combustion Rate Prediction Model 
 

The mathematical model used for the prediction of fuel combustion rate takes into 

consideration the local stoichiometric fuel/air ratio and the local temperature. This model is 

literally an Arrhenius relationship, which includes the cylinder pressure, the local zone 
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temperature and the local fuel availability with respect to entrained air in each zone. Hence, 

according to the model of Hodgetts and Shroff [35], the premixed combustion rate is given by the 

following relation: 

 
0.757bu ,i

bu f ,ev,i a ,av,i st

i

dm 4500
c p exp min m ,m FA

dt T

 
      

 
 (41) 

The term f ,ev,i a,av,i stmin m ,m FA    denotes the dependence of the premixed combustion rate 

from the fuel vapor and the available entrained air in each jet zone. Equation (41) is implemented 

for each jet zone and it is numerically integrated for the derivation of the local premixed 

combustion rate. The model of Eq. (41) is not used for the prediction of diffusion combustion 

rate since this rate is controlled by the air entrainment rate in each fuel jet zone. 

Combustion Products Dissociation – Chemical Equilibrium Scheme 
 

It is well known that due to high in-cylinder temperatures the products of perfect combustion 

are further dissociating to a number of species, which in most cases is limited to the following 11 

ones: Ν2, Ο2, CO2, Η2Ο, CO, H2, NO, OH, Ν, Η, Ο [36-40]. Chemical equilibrium reactions, 

which describe the formation of the above-mentioned eleven dissociation species are [37]: 
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 (42) 

where Kpir are the equilibrium constants (ir = 1, 2, …  ,7). Various approaches have been 

proposed in the literature for the numerical solution of the chemical equilibrium equations [36-

40]. The common reference point of all numerical methods is the derivation of a non linear 11 x 

11 system for the equilibrium concentration of the above-mentioned species using the definition 

equations of chemical equilibrium constants of the 7 above-mentioned reactions and the C, H, O 

and N balances between perfect combustion reactants and products. The numerical methods 

proposed for the solution of the above-mentioned chemical equilibrium scheme differ in terms of 

the numerical method used for the solution of the non linear algebraic system. In the present 

study the numerical method of Olikara and Borman [39] was used for the solution of chemical 

equilibrium equations in each modified version for the 11 species as it was suggested by 

Rakopoulos et al. [37]. 

BRIEF DESCRIPTION OF MATLAB MODEL USED FOR HEAT 

RELEASE RATE ANALYSIS AND FOR THE CALCULATION OF 

ENGINE COMBUSTION AND PERFORMANCE CHARACTERISTICS 

A computational model was developed in MATLAB under a diploma thesis performed in 

Hellenic Naval Academy for performing heat release rate analysis and for calculating the main 
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combustion and performance characteristics of the examined diesel engine under varying 

injection pressure, fuel consumption and compression ratio. The specific model was initially 

developed for processing raw experimental data for cylinder pressure, injection pressure and 

TDC position from an experimental diesel engine under various operating conditions and for 

deriving the mean cylinder pressure and mean injection pressure profile. In the present study the 

developed MATLAB model was modified in order to use the cylinder pressure profiles generated 

by the closed-cycle simulation model (i.e. multi-zone combustion model) for different mean 

injection pressures, engine fueling rates and compression ratios for performing a heat release rate 

analysis and for calculating the main combustion and performance characteristics of the 

examined experimental diesel engine. The heat release rate analysis performed by the developed 

MATLAB model is based on the combination of the first law of thermodynamics for a closed 

thermodynamic system and the ideal gas equation of state for deriving gross and net heat release 

rates considering instantaneous in-cylinder gas heat losses, which were calculated using the well-

known Annand’s heat transfer model. In addition, the MATLAB model calculates the main 

combustion and performance characteristics of the examined experimental diesel engine such as 

indicated power, Indicated Specific Fuel Consumption (ISFC), peak cylinder pressure, ignition 

delay, ignition angle and the combustion durations corresponding to 5%, 25%, 50% and 90% of 

injected fuel mass burned. 

TEST CASES EXAMINED 

To examine the effect of the faults related to injection and compression quality the following 

cases were considered: 

 Reduction of injection pressure compared to the nominal value: This investigation was 

performed to examine the effect of reduced – compared to the nominal injection pressure 

value, which satisfies the experimental values of cylinder pressure – injection pressure, 

which appears when for example the fuel injector or the high pressure fuel pump faults and 

as result the fuel is injected inside the cylinder with lower pressure compared to the one 

specified for the specific engine operation point. In this case the multi-zone combustion 

model was used top generate a theoretical cylinder pressure profile for the nominal value of 

fuel injection pressure i.e. 240 bars. This value of fuel injection pressure is considered 

during cylinder pressure calibration procedure in order the predicted cylinder pressure data 

to match experimental cylinder pressure data at 2500 rpm and at 80% of full engine load. 

The multi-zone combustion model was also used to generate cylinder pressure profiles for 

the cases of 216 bars, 192 bars and 168 bars fuel injection pressure, which correspond to 

90%, 80% and 70% of the fuel injection pressure considered i.e. 240 bars to match 

experimental cylinder pressure data at 2500 rpm and at 80% of full engine load. 

 Variation of total fuel injected quantity per engine cycle i.e. variation of engine fuel 

consumption: This investigation is performed to examine the effect of variable fuel 

consumption when for example the injector nozzle orifice has been blocked or the injector 

nozzle needle has been stacked and as result the fuel injector does not inject the proper fuel 

quantity per engine cycle. In this case also the multi-zone combustion model was used to 

generate theoretical cylinder pressure profile for the proper fuel injected quantity per engine 

cycle i.e. 1.1 kg/h (nominal value at 2500 rpm and at 80% of full load). This value of fuel 

consumption is not the experimental one, which corresponds exactly to engine operation at 

2500 rpm and at 80% of full load but it is the theoretical fuel consumption which provides a 
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theoretical cylinder profile which matches with the experimental one at this operating case. 

Additional cylinder pressure profiles were generated using the multi-zone model for values 

of fuel consumption equal to 1.265 kg/h (115% of the nominal value), 0.99 kg/h (90% of the 

nominal value) and 0.88 kg/h (80% of the nominal value). The case of 1.265 kg/h is 

examined to simulate the case when the power of one engine cylinder is higher than the 

standard one due to excess fuel injected quantity per engine cycle. 

 Reduction of compression ratio (CR) due to potentially excessive wear of piston 

compression rings: The wear of compression rings due to either erosive environment as a 

result of the fuel oil composition or due to excessive in-cylinder gas temperature results in 

reduction of the effective compression ratio and results in increased blow-by losses to engine 

crankcase.  The multi-zone combustion model was used also in this case to predict cylinder 

pressure profile at 2500 rpm and at 80% of full load using a nominal value of CR equal to 

17.1:1. This cylinder pressure profile was compared with the corresponding experimentally 

obtained cylinder pressure profile. Afterwards, the multi-zone combustion model was used 

to generate cylinder pressure profiles for the three different values of CR namely 16.67:1, 

16.25:1 and 15.39:1, which correspond to 97.5%, 95% and 90% of the nominal CR value. 

RESULTS AND DISCUSSION 

Experimental Assessment of the Diesel Engine Closed-Cycle Simulation Model 

Predictive Ability 

Before the implementation of the theoretical investigation for the examination of the effect of 

variable injection pressure, fuel consumption and compression ratio on the combustion and 

performance characteristics of the single-cylinder DI diesel engine “Lister LV1” the ability of the 

multi-zone combustion model to predict with enough accuracy the cylinder pressure profile 

should be assessed. For this reason, in Figure 3 is shown a comparison of predicted and 

experimental cylinder pressure data at 2500 rpm and at 80% of full load. The predicted cylinder 

pressure values have been generated using the multi-zone combustion model for mean injection 

pressure equal to 240 bar, fuel consumption equal to 1.1 kg/h, compression ratio equal to 17.1:1 

and injection timing equal to 15 degrees before TDC. As evidenced from Figure 3, the multi-

zone combustion model succeeds to predict with enough accuracy the measured cylinder 

pressure both during compression and during combustion and expansion stroke. Hence, it can be 

assumed with adequate confidence that the predictions for cylinder pressure of the multi-zone 

combustion model when the mean injection pressure or the fuel consumption or the compression 

ratio are varying are trustworthy. 
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FIGURE 3. Comparison of theoretical and experimental values of cylinder pressure of “Lister 

LV1” engine at 2500 rpm and at 80% of full load 

Effect of Mean Injection Pressure Variation on DI Diesel Engine Performance 

and Combustion Characteristics 

In this paragraph is examined the effect of mean injection pressure variation on the 

performance parameters and the combustion characteristics of a four-stroke high-speed single-

cylinder DI diesel engine “Lister LV1”. More specifically, it is examined the reduction of mean 

injection pressure compared to its nominal value at 2500 rpm and at 80% of full load for 

simulating the injection pressure loss when for example the fuel pump does not provide enough 

compression of the injected fuel. In such case fuel injector needle is lifted at the proper crank 

angle (i.e. proper injection timing) and the proper fuel quantity is injected at a specific engine 

speed and load, but fuel injection is not performed with the proper injection pressure due to fuel 

pump problems such as increased blow-by losses of the reciprocating fuel pump. Hence, it is 

examined the effect of variable mean injection pressure compared to its nominal value (this value 

corresponds to the mean injection pressure which provides a theoretical cylinder pressure profile 

that matches with the corresponding experimental one) to cylinder pressure profile, indicated 

power, ISFC, instantaneous and cumulative net heat release rate, instantaneous heat loss rate, 

ignition angle, ignition delay and combustion durations of 5%, 25%, 50% and 90% of total fuel 

injected quantity per engine cycle. 

The values of mean injection pressure examined in the present study are: 

 240 bar – Nominal value of mean injection pressure, which provides a theoretical 

cylinder pressure profile using the multi-zone combustion model that matches the 

corresponding experimental cylinder pressure profile at 2500 rpm and at 80% load. 

 216 bar – This value of mean injection pressure corresponds to the 90% of the nominal 

value. 

 192 bar – This value of mean injection pressure corresponds to the 80% of the nominal 

value. 

 168 bar - This value of mean injection pressure corresponds to the 70% of the nominal 

value. 
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For each one of the above-mentioned mean injection pressures are derived theoretical cylinder 

pressure profiles using the multi-zone combustion model. It should be mentioned that the fuel 

injection process in the closed-cycle simulation model is modelled as a rectangular pulse of 

injection pressure. This means that for the time duration the injector needle is open the fuel 

injection pressure is constant and equal to its mean value, which is provided to the closed-cycle 

simulation model as input. Hence, initially a simulation was performed at 2500 rpm and at 80% 

of full load using mean injection pressure value equal to 240 bar, fuel consumption equal to 1.1 

kg/h, compression ratio equal to 17.1:1 and injection timing equal to 15 degCA BTDC. At all 

other cases of mean injection pressure, the above-mentioned input values of fuel consumption, 

compression ratio and injection timing remained the same to isolate only the effect of mean 

injection pressure. Afterwards, the theoretical cylinder pressure profiles derived from the 

previous computational investigation were supplied to the MATLAB model for performing a 

heat release rate analysis and for predicting the main combustion parameters and engine 

performance characteristics at each injection pressure case. 

In Figure 4(a) is shown the impact of mean injection pressure reduction on the predicted 

instantaneous fuel evaporation rate. Specifically, in Figure 4(a) are provided theoretical results 

for fuel evaporation rate for four values of mean injection pressure i.e. 240 bar, which 

corresponds to the nominal value of mean injection pressure at 2500 rpm and at 80% load, 216 

bar, 192 bar and 168 bar. As witnessed from Figure 4(a), the reduction of mean injection pressure 

from 240 bar to 168 bar results in reduction of the peak values of fuel evaporation rate and 

results in elongation of the fuel evaporation process. Hence, the reduction of mean injection 

pressure results in direct reduction of the velocity of the fuel injected spray at the exit of the 

injector nozzle and thus, results in significant reduction of the vaporized fuel mass per crank 

angle degree step. The considerable reduction of fuel evaporation rate results in the significant 

increase of the fuel evaporation process duration since the total fuel injected quantity remains the 

same at all cases of fuel injection pressure. 

In Figure 4(b) is shown the effect of mean injection pressure variation on the predicted 

cylinder pressure profiles. Specifically, in Figure 4(b) are given theoretical results for cylinder 

pressure for four values of mean injection pressure i.e. 240 bar, which corresponds to the 

nominal value of mean injection pressure at 2500 rpm and at 80% load, 216 bar, 192 bar and 168 

bar. As evidenced from Figure 4(b), the reduction of mean injection pressure from 240 bar to 168 

bar results in reduction of cylinder pressure around TDC and thus, in significant reduction of 

peak cylinder pressure. The reduction of mean injection pressure did not affect the cylinder 

pressure increase during compression stroke whereas, the impact of mean injection pressure 

reduction on cylinder pressure during expansion stroke is imperceptible. The reduction of 

cylinder pressure around TDC with decreasing mean injection pressure can be attributed to the 

reduction of fuel evaporation rate as evidenced in Figure 6(a), which results in reduction of fuel 

combustion rate during injection process curtailing thus, cylinder pressure around TDC. 

The impact of mean injection pressure reduction on predicted in-cylinder bulk gas temperature 

is shown in Figure 4(c). More specifically, in Figure 4(c) are given theoretical results for bulk 

gas temperature for four values of mean injection pressure i.e. 240 bar, which corresponds to the 

nominal value of mean injection pressure at 2500 rpm and at 80% load, 216 bar, 192 bar and 168 

bar. As evidenced from Figure 4(c), the reduction of mean injection pressure results in noticeable 

reduction of in-cylinder bulk gas temperature around TDC as a result of the corresponding 

reduction of in-cylinder pressure witnessed in Figure 4(b). The effect of mean injection pressure 

reduction on in-cylinder bulk gas temperature during expansion stroke is rather imperceptible. 
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(a) (b) 

 
(c) 

FIGURE 4. Effect of fuel mean injection pressure reduction on theoretical (a) instantaneous fuel 

evaporation rate, (b) cylinder pressure and (c) in-cylinder bulk gas temperature profiles of “Lister 

LV1” engine. Theoretical results are presented at 240 bars (nominal value of injection pressure), 

216 bars (90% of nominal value of injection pressure), 192 bars (80% of nominal value of injection 

pressure) and 168 bars (70% of nominal value of injection pressure) of fuel injection pressure. The 

fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 compression ratio corresponds 

to “Lister LV1” engine operation at 2500 rpm and at 80% of full load. 

 

Figure 5 depicts the effect of mean injection pressure variation on calculated instantaneous net 

heat release rate (Figure 5(a)), instantaneous heat losses rate (Figure 5(b)) and cumulative net 

heat release rate (Figure 5(c)). Specifically, in Figure 5(a) is shown instantaneous net heat release 

rate profiles for the following four values of mean injection pressure i.e. 240 bar, which 

corresponds to theoretical engine operation at 2500 rpm and at 80% load, 216 bar, 192 bar and 

168 bar. As evidenced from Figure 5(a), the reduction of injection pressure results in the 

reduction of premixed combustion phase intensity leading thus, to lower peak premixed net heat 

release rates. On the other hand, the reduction of mean injection pressure promotes diffusion-

controlled combustion phase. Hence, overall it can be stated that the reduction of mean injection 

pressure for the same fuel injected mass per engine cycle results in reduction of the fuel burned 

under premixed conditions and in parallel results in the increase of the fuel percentage burned 



PART A: Mechanical and Marine Engineering 

 

ISSN:1791-4469                               Copyright © 2018, Hellenic Naval Academy 

A-77 

under diffusion-controlled conditions. This is attributed to the curtailment of fuel evaporation 

rate with decreasing mean injection pressure, which results in reduction of fuel percentage 

burned under premixed conditions and shifts the fuel combustion towards diffusion-controlled 

phase leading thus, to the deterioration of soot emissions primarily generated under diffusion-

combustion conditions. From the observation of Figure 5(b), it can be stated that the reduction of 

mean injection pressure results in reduction of instantaneous heat losses rate during initial stages 

of expansion stroke and specifically from almost 180 degrees ABDC until 210 degrees ABDC as 

a main outcome of the corresponding reduction of bulk gas temperature evidenced in Figure 4(c). 

According to Figure 5(c), the reduction of mean injection pressure results in reduction of 

cumulative net heat release rate during expansion stroke and specifically, from 175 degrees 

ABDC until almost 220 degrees ABDC as a result mainly of the variations observed in 

instantaneous net heat release rate in Figure 5(a). 

  
(a) (b) 

 
(c) 

FIGURE 5. Effect of mean injection pressure variation on the predicted (a) instantaneous net 

heat release rate, (b) instantaneous heat loss rate and (c) cumulative net heat release rate of “Lister 

LV1” engine. Theoretical results are presented at 240 bars (nominal value of injection pressure), 

216 bars (90% of nominal value of injection pressure), 192 bars (80% of nominal value of injection 

pressure) and 168 bars (70% of nominal value of injection pressure) of fuel injection pressure. The 

fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 compression ratio corresponds 

to “Lister LV1” engine operation at 2500 rpm and at 80% of full load. 
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Figure 6(a) depicts the effect of varying mean injection pressure on examined engine 

indicated power. Specifically, results for indicated power are given for four injection pressures 

namely, 240 bar, 216 bar, 192 bar and 168 bar. As evidenced from Figure 6(a), the reduction of 

mean injection pressure from 240 to 168 bar results in a very small reduction of indicated power 

since according to Figure 4(a) the reduction of mean injection pressure does not affect seriously 

the cylinder pressure during most of the expansion stroke and thus, the reduction of injection 

pressure has imperceptible influence on main expansion work. The small reduction of indicated 

power evidenced in Figure 6(a) results, for the same fuel injected mass per engine cycle, in small 

increase of ISFC. Hence, the reduction of mean injection pressure slightly deteriorates engine 

power and engine efficiency. According to Figure 6(c) and in relation with the facts observed in 

Figure 4(a), the reduction of mean injection pressure results in small reduction of peak cylinder 

pressure primarily due to reduction of cylinder pressure around TDC as a result of the 

curtailment of the fuel evaporation rate. The small reduction of peak cylinder pressure can be 

considered as beneficial for the long-term endurance of the examined engine since the reduction 

of peak cylinder pressure and temperature reduces the thermal and mechanical stress of the 

cylinder assembly. 
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(c) 

FIGURE 6. Effect of mean injection pressure variation on the predicted (a) indicated power, (b) 

Indicated Specific Fuel Consumption (ISFC) and (c) peak cylinder pressure of “Lister LV1” engine. 

Theoretical results are presented at 240 bars (nominal value of injection pressure), 216 bars (90% 

of nominal value of injection pressure), 192 bars (80% of nominal value of injection pressure) and 

168 bars (70% of nominal value of injection pressure) of fuel injection pressure. The fueling rate of 

1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 compression ratio corresponds to “Lister LV1” 

engine operation at 2500 rpm and at 80% of full load. 

 

In Figure 7(a) is shown the variation of ignition angle with mean injection pressure. As 

evidenced from Figure 7(a), the reduction of mean injection pressure from 240 bar to 168 bar 

results in a small reduction of ignition angle or in other words, the reduction of mean injection 

pressure delays the combustion initiation resulting thus, to its shift closer to the TDC. 

Combustion commencement delay with injection pressure reduction can be ascribed to the delay 

of combustion pressure rise due to reduction of fuel evaporation rate and subsequently, due to 

curtailment of premixed combustion rate. Having given that the fuel injection timing remained 

constant at 15 degrees BTDC for all cases of variable injection pressure, the previously-observed 

delay of combustion initiation with decreasing injection pressure results, as evidenced from 

Figure 7(b), in an increase of ignition delay, which reaches up to almost 15% compared to the 

conventional case of 240 bar mean injection pressure. 
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(a) (b) 

FIGURE 7. Effect of mean injection pressure variation on the predicted (a) ignition angle and (b) 

ignition delay. Theoretical results are presented at 240 bars (nominal value of injection pressure), 

216 bars (90% of nominal value of injection pressure), 192 bars (80% of nominal value of injection 

pressure) and 168 bars (70% of nominal value of injection pressure) of fuel injection pressure. The 

fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 compression ratio corresponds 

to “Lister LV1” engine operation at 2500 rpm and at 80% of full load. 

 

In Figures 8(a)-(d) is shown the effect of mean injection pressure variation on the combustion 

durations of 5% (Figure 8(a)), 25% (Figure 8(b)), 50% (Figure 8(c)) and 90% (Figure 8(d)) of 

total fuel injected mass per engine cycle. According to all Figures 8(a)-(d) the reduction of mean 

injection pressure from 240 bar to 168 bar results in an increase of all percentages of fuel 

combustion duration. In the case of combustion durations of 5% and 25% of total injected fuel 

(Figures 8(a)-(b)), which correspond to premixed combustion phase, their increase with 

decreasing mean injection pressure can be attributed to the reduction of premixed combustion 

intensity. Hence, the reduction of mean injection pressure leads to an increase of the premixed 

combustion duration of the same fuel injected mass per engine cycle i.e. same fuel quantity takes 

more time to be burned under premixed conditions. Also according to Figure 8(d), the reduction 

of mean injection pressure does not only increases premixed combustion durations but also 

increases – and this is more pronounced in the case of the lowest injection pressure i.e. 168 bar – 

the combustion duration of 90% fuel injected mass per engine cycle. Hence, the same fuel 

quantity delays to be burned not only under premixed conditions but also under both premixed 

and diffusion-controlled conditions and thus, overall it can be stated that the reduction of mean 

injection pressure affects negatively both premixed and diffusion-controlled combustion phase 

durations and consequently, deteriorates total combustion duration. 
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(a) (b) 

  
(c) (d) 

FIGURE 8. Effect of mean injection pressure variation on the predicted combustion duration in 

crank angle degrees of (a) 5%, (b) 25%, (c) 50% and (d) 90% of fuel injected mass per engine cycle. 

Theoretical results are presented at 240 bars (nominal value of injection pressure), 216 bars (90% 

of nominal value of injection pressure), 192 bars (80% of nominal value of injection pressure) and 

168 bars (70% of nominal value of injection pressure) of fuel injection pressure. The fueling rate of 

1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 compression ratio corresponds to “Lister LV1” 

engine operation at 2500 rpm and at 80% of full load. 

 

Effect of Fuel Consumption Variation on DI Diesel Engine Performance and 

Combustion Characteristics 

The effect of fuel consumption variation on combustion parameters and performance 

characteristics of a four-stroke high-speed single-cylinder DI diesel engine (“Lister LV1”) is 

examined in this paragraph. The objective of this investigation is to simulate diesel engine 

operation in the case the fuel injector does not inject the proper fuel quantity at a specific engine 

operating condition either due to injector needle lift problem or due to fuel pump improper 

operation or due to nozzle orifices blocking. Hence, it is considered fuel consumption variation 

compared to its nominal value, which provides a theoretical cylinder pressure profile using the 

closed-cycle simulation model that matches the corresponding experimental one at 2500 rpm and 
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at 80% of full load. It is examined the impact of fuel consumption variation on predicted fuel 

evaporation rate, cylinder pressure profile, bulk gas temperature profile, indicated power, ISFC, 

net instantaneous and cumulative heat release rate, ignition angle, ignition delay and combustion 

durations of 5%, 25%, 50% and 90% of total fuel injected mass per engine cycle. The following 

fuel consumption values are examined: 

 1.1 kg/h, which corresponds to the nominal value of fuel consumption that provides a 

theoretical cylinder pressure profile using the multi-zone combustion model that matches 

the corresponding experimental cylinder pressure profile at 2500 rpm and at 80% load. 

 1.265 kg/h – This value of fuel consumption corresponds to the 115% of the nominal 

value. 

 0.99 kg/h– This value of fuel consumption corresponds to the 90% of the nominal value. 

 0.88 kg/h - This value of fuel consumption corresponds to the 80% of the nominal value. 

For each one of the above-mentioned fuel consumption values are derived theoretical cylinder 

pressure profiles using the multi-zone combustion model. Initially a simulation was performed at 

2500 rpm and at 80% of full load using fuel consumption value equal to 1.1 kg/h, mean injection 

pressure equal to 240 bar, compression ratio equal to 17.1:1 and injection timing equal to 15 

degCA BTDC. At all other cases of fuel consumption, the above-mentioned input values of mean 

injection pressure, compression ratio and injection timing remained the same to isolate the effect 

of fuel consumption. Afterwards, the theoretical cylinder pressure profiles derived from the 

previous computational investigation were supplied to the MATLAB model for performing a 

heat release rate analysis and for predicting the main combustion parameters and engine 

performance characteristics at each fuel consumption case. 

In Figure 9(a) is shown the effect of fuel consumption variation on predicted fuel evaporation 

rate using the multi-zone combustion model. Specifically, in Figure 9(a) are given predicted fuel 

evaporation rates for four fuel consumptions i.e. 1.1 kg/h, 1.265 kg/h, 0.99 kg/h and 0.88 kg/h. 

As evidenced from Figure 9, the reduction of fuel consumption results in reduction of the 

effective fuel evaporation period whereas, no significant changes are observed in the peak 

evaporation rate. In other words, the increase of fuel consumption, as expected, results in a time 

elongation of the fuel evaporation process shifting thus, combustion to the expansion stroke. 

Combustion shift to the expansion stroke is verified from Figure 9(b), which shows the effect of 

fuel consumption variation on the predicted cylinder pressure profile. As evidenced from Figure 

9(b), the reduction of fuel consumption results in reduction of cylinder pressure during the entire 

expansion stroke and thus, in reduction of expansion work. According to Figure 9(c), the 

reduction of fuel injected mass per engine cycle results in significant reduction of in-cylinder 

bulk gas temperatures during expansion stroke i.e. after 190 degCA ABDC as a result of the 

reduction of the fuel evaporation rate. The reduction of bulk gas temperatures inside the 

combustion chamber during expansion stroke due to reduction of fuel consumption will lead to 

the significant reduction of exhaust gas temperature at EVO. 
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(a) (b) 

 
(c) 

FIGURE 9. Effect of fuel consumption variation on theoretical (a) instantaneous fuel 

evaporation rate, (b) cylinder pressure and (c) in-cylinder bulk gas temperature profiles of “Lister 

LV1” engine. Theoretical results are presented at 1.1 kg/h (nominal value of fueling rate), 1.265 

kg/h (115% of nominal fueling rate value), 0.99 kg/h (90% of nominal fueling rate value) and 0.88 

kg/h (80% of nominal fueling rate value). The fueling rate of 1.1 kg/h, 240 bars fuel injection 

pressure and 17.1:1 compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm 

and at 80% of full load. 

 

As evidenced from Figure 10(a), which depicts the effect of fuel consumption variation on 

instantaneous net heat release rate, the reduction of cylinder pressure and bulk gas temperature 

during most of the expansion stroke due to the reduction of fuel consumption results in 

curtailment of combustion intensity during both premixed and diffusion-controlled combustion 

phases. The highest enhancement of combustion intensity is observed during diffusion-controlled 

combustion due to the shift of main combustion event to the late expansion stroke. This 

combustion shift to the late expansion stroke will also result to the considerable increase of in-

cylinder generated and exhaust soot emissions. The reduction of fuel consumption and the 

subsequent reduction of bulk gas temperature results in considerable reduction of instantaneous 

heat losses rate during expansion stroke as evidenced from Figure 10(b). Finally, the shift of 

combustion event to the expansion stroke with increasing fuel consumption results in a 

substantial increase of the cumulative neat heat release rate and thus, to the total net combustion-

released thermal energy as expected due to the increase of the supplied fuel heating power. 
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(a) (b) 

 
(c) 

FIGURE 10. Effect of fuel consumption variation on the predicted (a) instantaneous net heat 

release rate, (b) instantaneous heat loss rate and (c) cumulative net heat release rate of “Lister 

LV1” engine. Theoretical results are presented at 1.1 kg/h (nominal value of fueling rate), 1.265 

kg/h (115% of nominal fueling rate value), 0.99 kg/h (90% of nominal fueling rate value) and 0.88 

kg/h (80% of nominal fueling rate value). The fueling rate of 1.1 kg/h, 240 bars fuel injection 

pressure and 17.1:1 compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm 

and at 80% of full load. 

 

In Figure 11(a) is shown the effect of varying fuel consumption on the indicated power. As 

observed from Figure 11(a), the increase of fuel consumption from 1.1 kg/h to 1.265 kg/h results 

in significant increase of indicated power due to previously-mentioned enhancement of the 

expansion work. The relative increase of indicated power in this case is 15%. On the other hand, 

the reduction of fuel consumption from 1.265 kg/h to 0.88 kg/h results in substantial reduction of 

engine power. The relative reduction of engine indicated power between 1.1 kg/h (i.e. nominal 

value of fuel consumption) and 0.88 kg/h is 21%. Hence, is proved that the reduction of fuel 

consumption results in an almost linear reduction of engine power as expected. As evidence from 

Figure 11(b), the linear reduction of engine power with decreasing fuel consumption results in 

imperceptible increase of ISFC (i.e. engine efficiency), which reaches up to 1.4% in the case of 

0.88 kg/h compared to the nominal case of 1.1 kg/h. According to Figure 11(c), the reduction of 

fuel consumption results in a small reduction of peak cylinder pressure since the impact of fuel 
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consumption reduction is less pronounced during premixed combustion phase (i.e. variations in 

fuel consumption are more evident during diffusion-controlled combustion). 

  
(a) (b) 

 
(c) 

FIGURE 11. Effect of fuel consumption variation on the predicted (a) indicated power, (b) 

Indicated Specific Fuel Consumption (ISFC) and (c) peak cylinder pressure of “Lister LV1” engine. 

Theoretical results are presented at 1.1 kg/h (nominal value of fueling rate), 1.265 kg/h (115% of 

nominal fueling rate value), 0.99 kg/h (90% of nominal fueling rate value) and 0.88 kg/h (80% of 

nominal fueling rate value). The fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 

compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm and at 80% of full 

load. 

 

Figure 12(a) shows the effect of fuel consumption variation on ignition angle. As evidenced 

from Figure 12(a), the reduction of fuel consumption does not bring any noticeable change to the 

ignition point since the fuel consumption does not affect the physical and chemical preparation 

pre-combustion mechanism. Consequently, since the injection timing was kept constant at all 

cases of fuel consumption variation, the invariance of ignition angle with varying fuel 

consumption results also in imperceptible changes to the ignition delay as evidenced from Figure 

12(b). 
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(a) (b) 

FIGURE 12. Effect of fuel consumption variation on the predicted (a) ignition angle and (b) 

ignition delay. Theoretical results are presented at 1.1 kg/h (nominal value of fueling rate), 1.265 

kg/h (115% of nominal fueling rate value), 0.99 kg/h (90% of nominal fueling rate value) and 0.88 

kg/h (80% of nominal fueling rate value). The fueling rate of 1.1 kg/h, 240 bars fuel injection 

pressure and 17.1:1 compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm 

and at 80% of full load. 

 

In Figures 13(a)-(d) is shown the effect of fuel consumption variation on the combustion 

durations of 5% (Figure 13(a)), 25% (Figure 13(b)), 50% (Figure 13(c)) and 90% (Figure 13(d)) 

of total fuel injected mass per engine cycle. According to Figures 13(a)-(b) the variation of fuel 

consumption does not bring serious changes to the combustion durations of 5% and 25% of total 

fuel injected mass per engine cycle. This can be attributed to the fact that the reduction of fuel 

consumption primarily affects the second diffusion-controlled stage of combustion and not the 

initial premixed phase of combustion. Hence, the combustion durations of 5% and 25% of total 

fuel injected mass do not vary noticeably with fuel consumption variation. The considerable 

reduction of diffusion-controlled combustion intensity with decreasing fuel consumption results 

in a slight increase of combustion durations of 50% and 90% of fuel injected mass per engine 

cycle as evidenced from Figures 13(c)-(d). The curtailment of diffusion-controlled combustion 

intensity with decreasing fuel consumption especially in the cases of 0.99 kg/h and 0.88 kg/h 

means that it takes more time for the same fuel quantity to be burned under diffusion-controlled 

conditions and this results in a slight elongation of the combustion durations of 50% and 90% of 

total fuel injected mass per engine cycle. 
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(a) (b) 

  
(c) (d) 

FIGURE 13. Effect of fuel consumption variation on the predicted combustion duration in crank 

angle degrees of (a) 5%, (b) 25%, (c) 50% and (d) 90% of fuel injected mass per engine cycle. 

Theoretical results are presented at 1.1 kg/h (nominal value of fueling rate), 1.265 kg/h (115% of 

nominal fueling rate value), 0.99 kg/h (90% of nominal fueling rate value) and 0.88 kg/h (80% of 

nominal fueling rate value). The fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 

compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm and at 80% of full 

load. 

Effect of Compression Ratio Variation on DI Diesel Engine Performance and 

Combustion Characteristics 

In this section is examined the impact of compression ratio on engine combustion and 

performance characteristics of a four-stroke high-speed single-cylinder DI diesel engine (“Lister 

LV1”). The objective of this investigation is to simulate diesel engine operation in the case of 

compression loss due to excessive wear of the piston assembly, which is a serious engine fault 

with direct negative repercussions on engine reliability and availability. Hence, to examine the 

impact of compression loss on engine combustion mechanism and performance parameters, it 

was considered four different values of compression ratio i.e. 17.1:1. 16.67:1, 16.25:1 and 

15.39:1. The value of 17.1:1 compression ratio in conjunction with 240 bar injection pressure and 

1.1 kg/h fuel consumption used as input values to the multi-zone model generate a theoretical 

cylinder pressure profile that as evidenced in previous section matches the experimental cylinder 
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pressure profile at 2500 rpm and at 80% load. The other three cases of compression ratio namely 

16.67:1, 16.25:1 and 15.39:1 correspond to 97.5%, 95% and 90% of the nominal value of 

compression ratio (i.e. 17.1:1). Under this investigation, it is examined the impact of 

compression ratio variation on predicted fuel evaporation rate, cylinder pressure profile, bulk gas 

temperature profile, indicated power, engine efficiency (i.e. ISFC), instantaneous and cumulative 

net heat release rate, instantaneous heat losses rate, ignition point and ignition delay and 

combustion durations of 5%, 25%, 50% and 90% of total fuel injected mass per engine cycle. 

Initially a simulation was performed at 2500 rpm and at 80% of full load using fuel 

consumption value equal to 1.1 kg/h, mean injection pressure equal to 240 bar, compression ratio 

equal to 17.1:1 and injection timing equal to 15 degCA BTDC. At all other cases of compression 

ratio, the above-mentioned input values of mean injection pressure, compression ratio and 

injection timing remained the same to isolate the effect of compression ratio. Afterwards, the 

theoretical cylinder pressure profiles derived from the previous computational investigation were 

supplied to the MATLAB model for performing a heat release rate analysis and for predicting the 

main combustion parameters and engine performance characteristics at each compression ratio 

case. 

In Figure 14(a) is shown the effect of decreasing compression ratio on predicted fuel 

evaporation rates from the multi-zone combustion model. As observed from Figure 14(a), the 

reduction of compression ratio does not bring any serious effect on either peak fuel evaporation 

rates both the duration of fuel evaporation process. On the other hand, the reduction of 

compression ratio results in reduction of cylinder pressure both during compression stroke and 

around TDC as evidenced from Figure 14(b). Reduction of cylinder pressure initially during 

compression stroke and then during the initial stages of combustion can be ascribed to the 

reduction of peak compression pressure and temperature due to reduction of compression ratio. 

The variation of cylinder pressure with decreasing compression ratio is reflected on the variation 

of bulk gas temperature with varying compression ratio. Specifically, according to Figure 14(c), 

the reduction of compression ratio results in reduction of slight reduction of bulk gas temperature 

during compression stroke and during the initial stages of combustion. 
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(a) (b) 

 
(c) 

FIGURE 14. Effect of compression ratio variation on theoretical (a) instantaneous fuel 

evaporation rate, (b) cylinder pressure and (c) in-cylinder bulk gas temperature profiles of “Lister 

LV1” engine. Theoretical results are presented at 17.1:1 compression ratio (nominal value), 16.67:1 

compression ratio (97.5% of nominal value), 16.25:1 compression ratio (95% of nominal value) and 

15.39:1 (90% of nominal value). The fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 

17.1:1 compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm and at 80% of 

full load. 

 

In Figure 15(a) is shown the effect of decreasing compression ratio on the instantaneous net 

heat release rate. As evidenced from Figure 15(a), the reduction of compression ratio results in a 

slight reduction of premixed combustion intensity whereas, a slight enhancement of diffusion-

controlled combustion intensity is observed with decreasing compression ratio. This means that 

the reduction of compression ratio results in reduction of total fuel injected mass percentage 

burned under premixed conditions and in a subsequent slight increase of fuel injected mass 

portion burned under diffusion-controlled conditions. The reduction of cylinder pressure and 

most importantly, bulk gas temperature during compression stroke and during the initial stages of 

combustion results in considerable reduction of instantaneous heat losses rate as observed from 

Figure 15(b). The reduction of peak compression pressure and temperature due to reduction of 

compression ratio results in reduction of bulk gas temperature during compression stroke and 

during the initial stages of combustion affecting thus directly both convection and radiation heat 
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losses mechanisms. The variations of instantaneous net heat release rate observed with the 

reduction of compression ratio are reflected to the variation of cumulative net heat release rate. 

Specifically, as evidenced from Figure 15(c), the reduction of compression ratio results in 

reduction of cumulative net heat release rate during both stages of diesel combustion mechanism. 

  
(a) (b) 

 
(c) 

FIGURE 15. Effect of compression ratio variation on the predicted (a) instantaneous net heat 

release rate, (b) instantaneous heat loss rate and (c) cumulative net heat release rate of “Lister 

LV1” engine. Theoretical results are presented at 17.1:1 compression ratio (nominal value), 16.67:1 

compression ratio (97.5% of nominal value), 16.25:1 compression ratio (95% of nominal value) and 

15.39:1 (90% of nominal value). The fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 

17.1:1 compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm and at 80% of 

full load. 

 

Figure 16(a) shows the effect of compression ratio on engine indicated power. As observed 

from Figure 16(a), the reduction of compression ratio results in slight decrease of engine 

indicated power mainly due to the reduction of cylinder pressure during expansion stroke, which 

potentially overwhelms the slight reduction of compression work during compression stroke. 

According to figure 16(b), the reduction of compression ratio results in a slight increase of ISFC 

(i.e. slight deterioration of indicated engine efficiency). The relative deterioration of ISFC 

between the nominal value of compression ratio (i.e. 17.1:1) and the reduced value of 15.39:1 is 

1.5%. The slight reduction of ISFC with decreasing compression ratio is attributed to the slight 

reduction of indicated power for the same fuel consumption as previously observed. Finally, in 
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Figure 16(c) is shown the effect of compression ratio on peak cylinder pressure. As evidenced 

from Figure 16(c), the reduction of compression ratio results in reduction of peak cylinder 

pressure due to reduction of cylinder pressure profile around TDC as witnessed in Figure 14(b). 

The relative reduction of peak cylinder pressure caused by the reduction of compression ratio 

from 17.1:1 to 15.39:1 is 12.6%. 

  
(a) (b) 

 
(c) 

FIGURE 16. Effect of compression ratio variation on the predicted (a) indicated power, (b) 

Indicated Specific Fuel Consumption (ISFC) and (c) peak cylinder pressure of “Lister LV1” engine. 

Theoretical results are presented at 17.1:1 compression ratio (nominal value), 16.67:1 compression 

ratio (97.5% of nominal value), 16.25:1 compression ratio (95% of nominal value) and 15.39:1 (90% 

of nominal value). The fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 

compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm and at 80% of full 

load. 

 

Figures 17(a) and 17(b) depict the impact of decreasing compression ratio on ignition angle 

and ignition delay respectively. As observed from Figure 17(a), the reduction of compression 

ratio results in reduction of ignition angle or in other words, the reduction of compression of 

compression ratio shifts combustion initiation closer to TDC. The delay of combustion 

commencement with decreasing compression ratio can be attributed to the reduction of cylinder 

pressure and temperature during fuel injection process. This means that fuel physical and 

chemical preparation processes are less promoted due to lower in-cylinder pressures and 

temperatures leading thus, to delayed combustion initiation. The delay of combustion 
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commencement (i.e. reduction of ignition angle) in conjunction with the constant injection timing 

(i.e. 15 degCA BTDC) at all cases of compression ratio results in an increase of ignition delay as 

evidenced from Figure 17(b). The relative deterioration of ignition delay with decreasing 

compression ratio reaches up to 16.4% when comparing the cases of nominal compression ratio 

(i.e. 17.1:1) and the reduced compression ratio of 15.39:1. 

  
(a) (b) 

FIGURE 17. Effect of compression ratio variation on the predicted (a) ignition angle and (b) 

ignition delay. Theoretical results are presented at 17.1:1 compression ratio (nominal value), 

16.67:1 compression ratio (97.5% of nominal value), 16.25:1 compression ratio (95% of nominal 

value) and 15.39:1 (90% of nominal value). The fueling rate of 1.1 kg/h, 240 bars fuel injection 

pressure and 17.1:1 compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm 

and at 80% of full load. 

 

Figures 18(a)-(d) illustrate the effect of compression ratio variation on the combustion 

durations of 5% (Figure 18(a)), 25% (Figure 18(b)), 50% (Figure 18(c)) and 90% (Figure 18(d)) 

of total fuel injected mass per engine cycle. According to Figures 18(a)-(b) the reduction of 

compression ratio results in the increase of combustion durations of 5% and 25% of total fuel 

injected mass per engine cycle. This means that the reduction of compression ratio, which 

affected negatively the intensity of premixed combustion, results in the elongation of the crank 

angle duration required for the same fuel injected quantity to be burned under premixed 

conditions. As evidenced also from Figures 18(c) and mainly from Figure 18(d), the reduction of 

compression ratio results in the increase of the combustion durations of 50% and 90% of total 

fuel injected mass per engine cycle. Hence, not only the premixed combustion phase is prolonged 

but also the highest portion of combustion duration (i.e. 90%) is prolonged with decreasing 

compression ratio underlying that both diesel combustion phases (i.e. premixed and diffusion-

controlled) are prolonged with decreasing compression ratio. In other words, it takes more time 

in crank angle degrees for the same fuel injected mass to be burned under both premixed and 

diffusion-controlled conditions. 
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(a) (b) 

  
(c) (d) 

FIGURE 18. Effect of compression ratio variation on the predicted combustion duration in 

crank angle degrees of (a) 5%, (b) 25%, (c) 50% and (d) 90% of fuel injected mass per engine cycle. 

Theoretical results are presented at 17.1:1 compression ratio (nominal value), 16.67:1 compression 

ratio (97.5% of nominal value), 16.25:1 compression ratio (95% of nominal value) and 15.39:1 (90% 

of nominal value). The fueling rate of 1.1 kg/h, 240 bars fuel injection pressure and 17.1:1 

compression ratio corresponds to “Lister LV1” engine operation at 2500 rpm and at 80% of full 

load. 

CONCLUSIONS 

In the present study a multi-zone combustion model was used to simulate the close-cycled 

operation of naturally aspirated single-cylinder DI diesel engine (“Lister LV1”) under various 

values of mean injection pressure, fuel consumption and compression ratio. The main objective 

of this investigation was to simulate diesel engine operation in the case of faulty operation of the 

fuel injection system simulated by reduced mean injection pressure and reduced fuel injected 

mass per engine cycle compared to the corresponding nominal values at a certain engine 

operating point (i.e. 2500 rpm and 80% load). Also, another objective of this examination was to 

simulate diesel engine operation in the case of degraded compression quality, which was 

modelled as compression ratio reduction compared to the corresponding nominal value at 2500 

rpm and at 80% load. The multi-zone combustion model after experimental verification was used 

to derive theoretical results for fuel evaporation rate, cylinder pressure and bulk gas temperature 
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for each examined case of mean injection pressure, fuel consumption and compression ratio. 

Afterwards, the predicted cylinder pressure profiles were supplied to a computational model 

developed in MATLAB under a diploma thesis for performing a heat release rate analysis and for 

deriving corresponding engine combustion characteristics and performance parameters for all 

cases of diesel engine faulty operation examined. The assessment of the theoretical results for 

combustion parameters and performance characteristics at all diesel engine faulty operation cases 

examined lead to the derivation of the following conclusions: 

The reduction of mean injection pressure resulted in: 

 Reduction of fuel evaporation rate and elongation of fuel evaporation process. 

 Decrease of cylinder pressure around TDC and subsequent reduction of peak cylinder 

pressure. 

 Reduction of bulk gas temperature around TDC. 

 Curtailment of premixed combustion intensity and enhancement of diffusion-

controlled combustion intensity. 

 Reduction of instantaneous heat losses rate due to reduction of bulk gas temperature. 

 Slight reduction of engine indicated power and small deterioration of indicated engine 

efficiency (i.e. ISFC). 

 Increase of ignition delay due to shift of combustion initiation closer to TDC. 

 Increase of durations of both premixed and diffusion-controlled combustion phases. 

The reduction of fuel consumption resulted in: 

 Reduction of fuel evaporation process duration. 

 Curtailment of cylinder pressure during expansion stroke with direct negative effects 

on the expansion work and subsequent small decrease of peak cylinder pressure. 

 Reduction of bulk gas temperature during expansion stroke. 

 Significant reduction of diffusion combustion intensity. 

 Reduction of heat losses during expansion stroke. 

 Significant reduction of indicated power and small increase of ISFC. 

 No serious effect on ignition angle and ignition delay. 

 Small increase of 90% combustion duration due to reduction of diffusion-controlled 

combustion intensity. 

The reduction of fuel consumption resulted in: 

 Reduction of fuel evaporation process duration. 

 Curtailment of cylinder pressure during expansion stroke with direct negative effects 

on the expansion work and subsequent small decrease of peak cylinder pressure. 

 Reduction of bulk gas temperature during expansion stroke. 

 Significant reduction of diffusion combustion intensity. 

 Reduction of heat losses during expansion stroke. 

 Significant reduction of indicated power and small increase of ISFC. 

 No serious effect on ignition angle and ignition delay. 

 Small increase of 90% combustion duration due to reduction of diffusion-controlled 

combustion intensity. 

The reduction of compression ratio resulted in: 

 No serious effect on fuel evaporation rate. 

 Reduction of cylinder pressure during late compression stroke and around TDC, which 

resulted in small decrease of peak cylinder pressure. 
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 Small reduction of bulk gas temperature around TDC. 

 Small decrease of premixed combustion intensity and small enhancement of diffusion-

controlled combustion intensity. 

 Reduction of heat losses rate during compression stroke and around TDC. 

 Small reduction of engine indicated power and small deterioration of engine ISFC. 

 Reduction of ignition angle with respect to TDC and increase of ignition delay. 

 Increase of both premixed and total combustion durations. 

Overall, it can be stated that the reduction of mean injection pressure and compression ratio 

affects directly the combustion mechanism since they resulted in an increase of ignition delay 

and thus, to a shift of combustion to the expansion stroke with direct negative effects of exhaust 

gas temperature at EVO and on particulate emissions formed during diffusion-controlled 

combustion. The reduction of mean injection pressure and compression ratio also affected 

negatively both the duration of premixed combustion phase and the total combustion duration. 

On the other hand, the reduction of fuel consumption due to reduction of the engine supplied 

heating power has a direct negative effect on engine power and engine efficiency whereas, did 

not affect seriously the main combustion characteristics such as ignition angle, ignition delay and 

combustion duration. All faulty engine operation cases examined in the present study (i.e. faulty 

operation of fuel injection system either expressed as reduction of injection pressure or reduction 

of fuel injected mass per engine cycle and faulty operation of the piston-ring assembly expressed 

as loss of compression) have a direct negative impact on engine operability, availability and 

reliability and for this reason, each faulty case requires the undertake of specific maintenance 

actions such as the replacement of excessive wear rings in case of compression loss for the 

restoration of engine availability and reliability. 
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NOMENCLATURE 

A area, m
2
 

c constant 

cv specific heat capacity under constant volume, J/(kgK) 

Db piston bowl diameter, m 

Dho injector nozzle orifice diameter, m 

Dinj injector hole diameter, m 

DSM Sauter mean diameter, m 

E activation energy, J/kmol 

F zone area, m
2 

FAst fuel-air stoichiometric ratio (by mass) 

Fho nozzle hole discharge area, m
2
 

h convective heat transfer coefficient, W/(m
2
Κ) 
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I moment of inertia of trapped mass, kgm
2
 

kif forward reaction rate constant for the “ith” reaction 

l length, m 

m mass, kg 

M torque, Nm 

n axial velocity exponent 

nr radial zone number 

P pressure, Pa 

Q  heat exchange rate, W 

r radial distance, m 

R radius, m 

r0 radius of nozzle hole, m 

Ri one-way reaction rate for the “ith” reaction 

Rmol universal gas constant, J/(kmolK) 

Rp piston radius, m 

Spr ignition delay integral 

T temperature, K 

t time, s 

u zone velocity, m/s 

u  mean velocity, m/s 

uinj injection velocity, m/s 

up instantaneous piston velocity, m/s 

ur radial zone velocity, m/s 

ut targential air velocity, m/s 

uT turbulent velocity, m/s 

utr radial component of targential zone velocity, m/s 

utx axial component of targential zone velocity, m/s 

ux axial zone velocity, m/s 

V volume, m
3
 

W air angular velocity, rad/s 

w wall jet velocity, m/s 

X jet penetration, m 

Greek 
α initial jet angle, rad 

δ wall jet thickness, m 

ΔP pressure difference, Pa 

Δφ calculation step 

θ angle of zone with respect to jet axis, rad 

λ thermal conductivity, W/(mK) 

μ dynamic viscosity, kg/(ms) 

ν kinematic viscosity, m
2
/s 

ρ density, kg/m
3
 

σ Stefan-Boltzmann constant, W/(m
2
K

4
) 

Subscripts 

a air 

b,bu burnt 
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car characteristic 

ev evaporated 

f fuel 

g gas 

ho hole 

i zone (i) 

inj injection 

pr preparation 

s soot 

SM Sauter mean 

st stoichiometric 

t targential 

T turbulent 

w wall 

x,y coordinates 

0 initial step conditions 

1 final step conditions 

Abbrevations 
ABDC after bottom dead centre 

ATDC after top dead centre 

BTDC before top dead center 

CA crank angle 

RMS root mean square 

SMD Sauter mean diameter 

Dimensionless Numbers 

Pr Prandtl number 

Re Reynolds number  

We Weber number 
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